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A novel design of compliant slider-crank mechanism is introduced
and utilized as an impact and contact-force generator. This class
of compliant slider mechanisms incorporates an elastic coupler,
which is an initially straight flexible beam and buckles when it
hits the stopper. The elastic pin-pin coupler, a buckling beam,
behaves as a rigid body prior to the impact pushing the rigid
slider. At a certain crank angle, the slider hits a stopper generat-
ing an impact force. This force can be changed by regulating the
angular velocity of the crank and by achieving a desired velocity
of the slider. Moreover, after the impact when the slider estab-
lishes a permanent contact with the stopper, the maximum contact
force can also be adjusted by calculating the coupler dimensions
(the length, the width, the thickness, and the amount of compres-
sion). The contact duration, the crank angular rotation range, can
also be changed and attuned in this mechanism by moving the
location of the impacted object. Several mechanism designs with
the same working principle are introduced. A prototype compliant
slider-crank mechanism is constructed and proved the conceptual
contributions of the mechanism. [DOI: 10.1115/1.4002076]

1 Introduction

Compliant mechanisms usually are made from elastic elements
which deflect to accomplish a required motion and might incor-
porate rigid links and flexible links together. Compliant mecha-
nisms transfer an input force or displacement to another point by
exploiting their elastic body deformation [1]. The motion of the
mechanism is partially (or completely) produced by the elasticity
of its links beside the mobility provided by its more conventional
rigid-body counterparts.

The concept of compliant mechanism is not new [2]. It started
in the 1960s and the compliant mechanisms gained popularities
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during the 1990s because of its suitability to be manufactured
from lesser pieces or as a one piece using an injection molding
technique. The compliant mechanisms started to draw more atten-
tion during the last decade because they are well suited for micro-
electromechanical systems (MEMSs) and attracting more atten-
tion recently because of its superior properties and suitability for
micro sensor designs.

The compliant mechanisms have many advantages over the
conventional rigid-body mechanisms. These advantages can be
classified in two categories: the cost reduction and the increased
performance. In the first category, decreased assembly time, sim-
plified manufacturing processes, and requiring fewer parts can be
counted. In the second category, increased precision due to re-
duced number of joints, accuracy, less wear, reduced weight, and
friction, decreased built-in restoring force can be counted. Com-
pliant mechanisms also have fewer movable joints, which result in
less wear and have no need for lubrication [2-8].

In compliant mechanisms, energy is stored in the form of strain
energy due to the deflection of flexible members. In some cases,
this form of potential energy is stored in the whole body where the
compliance is distributed. However, the stored energy in flexible
members can be unfavorable in some applications where uncon-
trolled transform of the strain energy to the kinetic energy occurs.
On the other hand, this sudden energy release and storage can be
utilized for beneficial purposes. This aspect helps to broaden the
range of the compliant mechanism design. The force deflection
feature and stored strain-energy deflection feature of the flexible
members may be taken into account for beneficial purposes [3].

The compliant mechanisms allow the designer a great freedom
in the number of possible solutions. Nevertheless, the compliant
mechanism design freedom is usually compensated by the diffi-
culties in the analysis of the compliant mechanism members.

Generally, the compliant mechanism analysis is geometrically
nonlinear [7] due to the large bending/deflections of its flexible
elements. When the elastic deflections are large enough in the
nonlinear range, the dynamic analysis is going to be quite com-
plicated. The dynamic response of the compliant mechanism com-
paring to the quasistatic response of the mechanism can be quite
different and the dynamic response of the mechanism may not be
ignored. In order to synthesize the compliant mechanisms dy-
namically, the simulation of the mechanism should be usually
done for several different variables due to the difficulties to syn-
thesize the mechanism considering the complexity of the dynamic
analysis.

In the mechanism’s world, the slider-crank mechanism is one of
the most common ones. This is the easiest mechanism to analyze
because of the triangular form of its links. The slider-crank
mechanism is known by converting a rotational motion into a
linear motion. The steady state solutions of the slider-crank
mechanism have been studied by Jasinski et al. [9], Zhu and Chen
[10], and Badlani et al. [11]. The typical velocity control applica-
tion of the slider-crank mechanism is found in petrol and diesel
engines. This aspect is also covered numerically by changing the
angular velocity of the novel compliant slider-crank mechanism
introduced in this research.

In what follows, we summarize the state of the art research on
the impact and on the control aspects related to flexible/compliant
mechanisms and to flexible robot manipulators.

A variable structure control and stabilizing feedback control
design by using pole placement technique [12] are studied and
applied to the tracking control of the flexible slider-crank mecha-
nism subject to an impact force. Simulation results are provided to
demonstrate the performance of the motor-controller flexible
slider-crank mechanism not only accomplishing good tracking tra-
jectory of the crank angle but also eliminating vibrations of the
flexible connecting rod.

Constant-force compliant mechanisms that involve the addition
of a translational spring element to a slider-crank constant-force
mechanism are studied [13]. The addition of a translational spring
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that also acts as a slider link provides new design configurations.
The translational spring element would have the potential to com-
pletely remove the friction from the mechanism and provide a
constant-force solution that could replace the current solutions and
find applications in hydraulic or pneumatic devices. The same
concept of removing the slider and attaching a translational spring
may also be used in our research to reduce the number of links.

The nonlinear dynamics [14] of a slider-crank mechanism with
a flexible rod is considered where the flexible rod mechanism is
modeled with lumped masses and periodically impacted by an
external flexible sphere. The impact is modeled using a kinematic
coefficient of restitution. The chaotic behavior of the system and
the stability of the motion are studied.

The dynamic behavior [15] of a planar flexible slider-crank
mechanism with clearance is studied where the motion is charac-
terized by the occurrence of three phases: a free motion, a con-
tinuous contact motion, and an impact motion. Both, the rigid and
the elastic behavior of the mechanism are studied. It is shown that
the coupler flexibility plays the role of a suspension for the
mechanism in the presence of a clearance.

Compliant applications of the dual stiffness concepts are first
introduced in dual stiffness floor [16], compliant dwell mecha-
nisms incorporating the buckling beams [4,17], and snap through
buckling arcs [4]. Currently, the dual stiffness concepts are ap-
plied to the robot joints. A novel safe joint mechanism composed
of linear springs and a modified slider-crank mechanism is pro-
posed in Ref. [18].

Safe joint mechanisms have high stiffness to an external force
that is less than the critical impact force but they have an abrupt
drop in the stiffness when the external force exceeds this critical
value. This dual stiffness behavior guarantees positioning accu-
racy and collision safety.

The mechanisms that are called constant-force mechanisms
[19] generate reaction force at the out port of the mechanism that
does not change for the most of the input range. Constant-force
generation might be useful in many applications and include such
devices as electrical connectors in which a constant resistance
force is desired during the connection procedure and throughout
the life of the connector. The proposed mechanism, in this inves-
tigation, is not a constant-force mechanism but the concept behind
this project is somewhat similar to that of the constant-force
mechanism. Producing a required force concept is the same as that
of the constant-force mechanism. A constant-force profile is gen-
erated in the constant compliant force mechanism, whereas a re-
quired impact and contract force can be obtained in the impact
and contact-force generator mechanism. However, the general
idea of generating a required impact force and contact force is
unique.

The object of this investigation is to model the dynamic behav-
ior of the compliant slider-crank mechanism, which is utilized as a
required impact generator and contact-force generator. In our de-
sign, the compliant slider-crank system incorporates an elastic
buckling coupler beam connected to a rigid crank. Figure 1 shows
the three different configurations of the compliant slider-crank
mechanism incorporating a flexible buckling beam as a coupler. A
flexible curved coupler beam is not suitable considering large de-
flections (large crank angle duration) to this class of mechanism
due to two main reasons:

(1) Tt vibrates along its longitudinal axis (the axis connecting
the crank end joint to the slider) before hitting the stopper.

(2) It might produce unexpected/chaotic response even at mod-
erate crank speeds.

The proposed design and experimental setup used in this re-
search might be more suitably called as a flexible mechanism
rather than a compliant mechanism. However, the flexible mecha-
nisms also refer to the rigid mechanisms with unwanted flexible
deflections in literature. The proposed mechanism in this research
is a semicompliant mechanism made of four links. The four-link
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Fig. 1 Three configurations of the compliant slider-crank
mechanism setup

design and the prototype are used to prove the conceptual contri-
bution of the mechanism. The mechanism could be made from
lesser pieces by manufacturing coupler and slider together or the
use of a slider might be completely eliminated by employing a
parallel arm mechanism, as shown in Fig. 2.

The mechanism shown in Fig. 1 is chosen for the current in-
vestigation due to its simplicity to formulate, to analyze, to fabri-
cate, and to demonstrate the conceptual contribution of the impact
contact force generator (ICFG) mechanism class.

The remainder of this paper is organized as follows. In Sec. 2,
the compliant impact-contact-force generator is introduced and its
theoretical dynamic analysis is presented. In Sec. 3, the simulation
analysis of the theoretical model is performed considering two
cases, a constant (a step input) angular velocity and a linearly
changing (a ramp input) angular velocity. In Sec. 4, the prototype
mechanism and the experimental setup, first, are presented and the
simulation results, second, are compared with the experimental
results under the similar conditions. Section 4 is followed by the
discussion in Sec. 5, and the concluding remarks in Sec. 6.

2 The Compliant Impact-Contact-Force Generator
Mechanism

The flexible pin-pin coupler behaves as rigid body prior to the
impact pushing the rigid slider. The reciprocal motion of the slider
can be obtained in terms of the crank motion. The impact force
can be determined and adjusted by changing the angular velocity
of the crank. The angular velocity of the crank might be altered at
different cycles to regulate the slider’s velocity prior to the im-
pact, therefore achieving a desired impact-force magnitude. More-
over, after the impact and the bouncing motion of the slider, the
maximum contact force may also be preset by designing the flex-
ible beam dimensions and the deflections of the buckled beam.
Contact duration may be changed and controlled by two possible
ways:

Flgxible Buckling Beam
« -

Stopper

Parallel Arm
Mechanism

Flexible Beams

Fig. 2 Another compliant ICFG mechanism design made from
two pieces
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» First, the crank angle span during the contact can also be set
to a certain measure by changing the fixed location of the
impacted object.

* Second, the contact duration can also be adjusted (length-
ened or shortened) by regulating the crank angular velocity.

This project presents a new concept of exploiting compliant
mechanisms as an impact force and contact generator. A compliant
slider-crank mechanism with an initially straight pin-pin buckling
flexible beam coupler is employed for this purpose. The compliant
slider-crank mechanism in literature [3] has flexible curved cou-
plers beams, which behaves always elastic. On the other hand, the
coupler of the mechanism presented in this research behaves as a
rigid body prior to the impact eliminating longitudinal vibration
along its axis and generating higher impact forces at the initial
contact.

The behavior of the semi compliant mechanism will be inves-
tigated in three parts:

* Rigid-body mechanism synthesis prior to the impact. The
flexible initially straight pin ended coupler behaves as a
rigid body prior to the impact and it also behaves rigid under
the dynamic inertia loads less than the critical Euler buck-
ling load. Note that both the linear and the nonlinear theo-
ries give the same critical buckling for the straight beam
pe=PL?/ EI=1 (p,, refers to the normalized load). The lin-
ear buckling theory cannot provide large deflection informa-
tion at the postbuckling range due to its curvature (curvature
in linear theory x=d?w/dx*) assumption of negligible rota-
tions (@=dw/dt). The results obtained from the nonlinear
elastica theory are used in this research to calculate the post-
buckling deflection of the flexible coupler and the contact
forces.

»  Formulation of impact forces. Two different approaches are
implemented to calculate the impact-force magnitude. In the
first approach, linear momentum and linear impulse relation
of the impacted bodies are considered. In the second ap-
proach, an impact with a linear damper and a linear spring
system connected in parallel without a mass are considered.

* Calculation of the contact force. After a continuous contact
between the slider and the stopper is established, the non-
linear elastica theory is used to compute the contact-force
history.

A dynamic model considering the aforementioned cases is de-
veloped and then simulated. The simulation results are then com-
pared with the prototype’s experimental test results. Theoretical
analyses of the above cases are presented in Sec. 2.

2.1 Theoretical Analysis. There are several ways to perform
dynamic analysis including graphical methods, analytical meth-
ods, or simply using commercially available software packages.
Graphical methods are helpful to obtain a fast and efficient solu-
tion for a particular position. Analytical methods are useful to
obtain the solution of the system for the whole range of the mo-
tion. Software packages are powerful tools for analysis and design
purposes.

Both vector loop closures and closed form solutions are used
for the kinematic position analysis of slider-crank mechanism.
The velocity and the acceleration analysis of the mechanism then
may be obtained by differentiating position solution with the re-
spect to the time [20].

The compliant impact- and contact-force generator introduced
in this project runs in the three different working modes in each
crank cycle as explained below:

e In the first working mode, before the impact, the flexible
buckling link behaves as a rigid body and it pushes the
slider resulting in a common slider-crank mechanism. A dy-
namic analysis is performed for this part.

e In the second working mode, the slider hits the stopper and
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Fig. 3 Slider-crank mechanism

then the flexible beam buckles. Two different impact models
are used for this part. In the first model, linear momentum
and linear impulse equations are employed; in the second
model, the stopper is assumed to have a linear spring and
linear damper characteristics and modeled as a lumped pa-
rameter parallel spring and damper system. When linear mo-
mentum and linear impulse equations are used to determine
the impact force, the shape of the force profile needs to be
specified in order to calculate the maximum impact force.
The impact duration is also another important parameter that
needs to be determined. It can be measured experimentally
from the force and the displacement sensors’ readings and
then substituted into the mathematical model. The magni-
tude of the impact force can be adjusted by changing the
angular velocity of the crank and obtaining a desired slider
velocity. A dynamic analysis is performed until the slider
establishes a permanent contact with the stopper.

e The third working mode starts right after the permanent con-
tact of the impacting bodies occurs. During the continuous
contact, flexible link applies a variable contact force. This
force increases until the crank reaches a certain angle, and
then decreases as the flexible beam relaxes. The contact
force first increases during the compression of the flexible
beam, and then decreases during the relaxation part of the
flexible beam; after that, the contact ends buckling beam
snaps back/returns to its original rigid-body configuration.
The first working mode starts all over again. The contact
force can be computed by performing the following steps:
(1) calculating the distance between the two pin joints of the
flexible beam, (2) using the nonlinear load deflection rela-
tion of the flexible coupler beam (a two-force member) cal-
culating the force between the pin joints, and (3) calculating
the horizontal component of the coupler force (the relevant
contact force).

The equations concerning to these three different working
modes are stitched together and are switched, when the next
working mode starts, in order to obtain a full simulation of the
system during the complete crank rotation.

The kinematic diagram of the compliant impact- and contact-
force generator is shown in Fig. 3 before the slider hits the stop-
per.

2.1.1 Rigid-Body Dynamics. In order to perform kinematic
analysis of the slider-crank mechanism for the first working mode,
the well known loop closure equations may be written as

R2+R3=R1 (1)

The horizontal and the vertical components of the loop closure
equation are given below:

ry cos 6, +r3cos 3=r (2)

rp sin 6, + ry sin ;=0 (3)

Taking the first and the second derivatives of position analysis
with respect to time, the following relations for the velocity and
the acceleration could be obtained:

— 1y, sin 0, — r3w; sin B3 =7 4)
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Fig. 4 The FBD of the mechanism

o, €08 6, + r;w; cos ;=0 (5)

P+ ryaz sin 63+ rya, sin 6, =— rzwg cos 6, — r3w§ cos b6

(6)

— '3z COS 03 + rpa, COS 02 =- rzwg sin 02 - r3w§ sin 03 (7)

The free body diagram (FBD) of the compliant slider mechanism
is shown below in Fig. 4.

Using Newton’s second law and neglecting the mass and the
inertia of the flexible coupler (a two-force member), the following
force and moment equations might be obtained for the link 2 (the
crank), the link 3 (the flexible bucking beam), and the link 4 (the
slider).

For link-2,

Frop+ Fy= M)A, (®)
Floy+ Fy = M)A, )

(10)
For link-3, before the buckling, link-3 acts as a rigid body and
transmits force from link-2 to link-4; after the buckling it behaves
as a nonlinear spring Fz,=fnis(R30—R3).
For link-4, neglecting the friction force (a dry friction or a
viscous friction might be added to this equation),

— F3y 1, sin 6, + F3,yr; cos 0+ 7,=hLa,

= Fapp = Foy = My (11)

—F32),+F]4y=0 (12)

Acceleration components of the crank mass center are given as

(13)

Ac2,x =—Tp0) sin 02 - rczaé Ccos 02

(14)

When the crank angle reaches to a certain angle, the impact
phenomena will occur, which causes the flexible beam to buckle.
The impact force can be adjusted by altering the velocity of the
slider.

Ay =T, €os 0, — rczwg sin 6,

2.1.2 Impact Models. The impact of the slider might be mod-
eled by either using linear impulse and linear moment relationship
or choosing an elastic model (a linear spring and a linear damper
connected in series) of the impacted body similar to Kelvin—Voigt
model [21]. Both of these approaches are incorporated to our
simulation program

Impact model 1. Using linear momentum and linear impulse
relationships, the coefficient of restitution /, may be written as
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Fig. 5 Elastic impact model
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o

(15)

where v and v} represent the velocities of the slider prior to the
impact and right after the impact, respectively and v, represents
the common velocity of both bodies which is zero in our case.

Impact phenomenon is always accompanied by energy loss,
which may be calculated by subtracting the kinetic energy of the
system just after the impact from that of the just before the im-
pact. According to classical impact theory, the value of coefficient
of restitution lies between 0 <I,<1. In this research, the collision
occurs between the extension of the slider and the force sensor
(wood and steel surfaces). The linear impulse and the linear mo-
mentum relationship for the slider may be written as

mv1+det=mvl' (16)
where [Fdt represents the total impulse applied to the slider dur-
ing the impact including, the impulse due to impact with the stop-
per, the impulse due to pin-pin spring force, and the impulse due
friction which may be neglected because of its smaller magnitude.

When computing the impact force using the above equations
(15) and (16), the shape of the impact force has to be specified (a
pulse, a half sine wave, etc.) and the impact time. More realistic
impact-force shapes might be selected considering the following
issues:

1. by assuming the velocity and the acceleration profile of the
slider during the impact

2. by observing the experimental velocity and acceleration pro-
files of the slider while impacting with the stopper

3. by measuring impact time, which is unknown before the
collision experiment are performed for the impacting bodies

Impact model II. The stopper (the force sensor) can be repre-
sented by a linear damper and linear spring system connected in
parallel, as shown in Fig. 5. A similar application of the model,
called the snubber model, and its MATLAB and SIMULINK files can
be found in Dynamic Modeling and Control of Engineering Sys-
tems [22].

The slider hits the stopper when the slider position x,;,; reaches
the stopper position x,,,. It leaves the contact (it bounces back)
when the reaction force applied by the stopper becomes zero, or it
continues to remain in contact if the stopper force does not go

Transactions of the ASME
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Fig. 6 The kinematic diagram of the compliant slider-crank
mechanism at two positions

below the vertical component (vertical according to Fig. 5) of the
critical buckling beam load. The slider’s velocity and the dynamic
contact-force relation applied by the stopper to the slider might be
represented by the following relations:

= i Foy) (1)

Condition 1. For xg;<Xx,,,
Fyp,=0 (18)

Condition 2. For xyq= X,
Fyyp = max[0, kg, (X4 — Xg) + bVl (19)

Equations (18) and (19) are also utilized later to obtain the equiva-
lent parameters of the stopper and to compare the simulation re-
sults with those of the experimental cases. Although the above
equations (17)—(19) are linear in their nature, switching between
these equations causes nonlinearity in the system.

2.1.3 Contact Model. When the pin-pin flexible beam deflects,
a nonlinear force (function of the deflection) is applied to the
slider. The buckling force history may be calculated considering
the pinned-pinned end conditions of the flexible beam using the
elastica theory. A polynomial-fit function [23,24] to the exact non-
linear large deflection analysis of the flexible pinned-pinned buck-
ling beams is used in this research. In order to simplify the solu-
tion of the compliant system, the polynomial fit to the nonlinear
elastica theory and the nonlinear algebraic/transcendental equa-
tions are used to perform the kinematic simulation just after the
continuous contact between impacting bodies are established

In Fig. 6, the kinematic diagram of the mechanism considering
the initial contact angle at the beginning of the impact is repre-
sented with a solid line, and the kinematic diagram considering
the buckling beam motion is represented with a dashed line.

In Fig. 6, ¢=360°—-60;=—0;5 is R3’s complementary angle with
the horizontal, 6, is the certain angle where initial contact is
established, and e is the distance between the crank’s end joint
and the stopper. The undeflected length (the original length) of the
flexible beam may be written as

Lorig = Lbeam( 02) +U (20)

where Ly.,,=R;3 represents the deflected beam’s length and U
represents the flexible beam’s deflection.

Lbeam( 02) = \’(RZ sin 92)2 + (E - R2 cos 02)2 (21)

From the geometrical analysis of the mechanism (see Fig. 6), the
deflection of the flexible beam U can be expressed as

U= Lyig — (R, sin 6,)> + (e = R, cos 6,)° (22)
The complementary contact angle ¢ can be found as
R, sin 6.
<P=tan"l(#> (23)
e—R, cos 6,

When the flexible beam buckles, it applies a nonlinear force
function at its postbucking range to the slider. The flexible pinned-
pinned coupler is a two-force member and its normalized force
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Fig. 7 Normalized load versus normalized displacement

deflection is calculated using the nonlinear elastica theory. A poly-
nomial curve fit plot to the exact nonlinear solution plot is shown
in Fig. 7 and the corresponding normalized equation is given be-
low.

p(u) =7.1908u* — 6.20161> + 6.2532u% + 4.3898u + 9.8879
(24)

where u and p represent the normalized deflection u=U/L and the
normalized load p=PL?/EI. The reader should refer to Refs.
[23,24] for a more detailed analysis.

The schematic of the mechanism’s stopper is shown below (see
Fig. 8) during the contact, and the following equations might be
used to calculate the contact force.

p(w)EI

F. . = (25)
pin-pin 2
Lbeam
Fcontact = L' pin-pin cos ¢ (26)

3 Simulation Results

The equation set, including all equations between Eq. (2) and
Eq. (26), is used to obtain the numerical simulation results of the
compliant slider-crank mechanism hitting a stopper. The
simulation-block-diagram method is used in MATLAB and SIM-
ULINK to solve Egs. (2)—(26). The simulation-block diagram of the
mechanical system consists of three subsystems. In the first sub-
system, the dynamic analysis of the slider-crank mechanism is
included. In the second subsystem, the impact force might be
calculated by choosing two approaches. In the third subsystem,
the contact force is calculated by using polynomial fits to exact
nonlinear elastica solution. These three sets of subsystems are
stitched together by using “if-else statement.” Two cases are sepa-
rately simulated: The first case involves in a constant angular
velocity of the crank, and the second case involves in a constant
angular acceleration of the crank (a linear/ramp input of the
crank’s angular velocity).

The simulation result of the mechanism is presented in Fig. 9
for a constant angular velocity (2 rad/s). The impact force is ap-
proximately 57 N as seen from the Fig. 9 and the period of the
movement of the slider is 3.14 s for 1 revolution.

A . .
Sy 7 pin—pin
.
.

@ f
........ LA

Fig. 8 The slider generates a contact-force

contact
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Fig. 9 The impact-/contact-force magnitudes for a constant
angular velocity »,=2.0 rad/s (case 1)

The power requirement of the rotational actuator for case 1 is
calculated and plot below in Fig. 10, showing that the maximum
power requirement for a constant angular velocity w,=2.0 rad/s
is 5.5 W. Since the experimental setup is intended to be used in
similar angular velocities, a DC motor with 17 W power is cho-
sen.

The magnitude of the impact force can be adjusted by regulat-
ing the slider’s velocity. The impact force and the contact force
are shown in Fig. 11 for a ramp angular velocity input. The input
angular velocity linearly changes between 0.5 rad/s and 5.5 rad/s
for the current case. The magnitudes of the impulse forces in-
crease when the angular velocity of the crank increases. More-
over, the periods of the impulses decreases as a result the increas-
ing angular velocity of the crank. However, it is easily seen that
the duration time (not the crank duration angle which is always
constant for a specified dimensions) of the contact force decreases
when the angular velocity of the crank rises.

3.1 A Methodology to Determine Impact Forces. Calculat-
ing a desired impact force is more complicated than achieving a
desired impact force experimentally. Predetermining the impact
force, before the experimental setup is build, is difficult if not

o)}

R L

Required Motor Power (Watt)

0 ~r ™~ N
o 200 400 600 800 1000
Crank Angle (degree)

Fig. 10 The required power of the mechanism for case 1

120,

8
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40r
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Impact and Contact Force (N)
D
o
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Fig. 11 The impact-/contact-force magnitudes for a ramp an-
gular velocity input (0.5-5.5 rad/s) (case 2)
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impossible because it depends on the unknown values of the pro-
totype mechanism.

Two methods are used to calculate the impact forces. There are
several parameters related to these methods that need to be deter-
mined before running the simulations. Considering method 1, the
impact duration is not known, the shape of the force profile needs
to be decided, and the coefficient of the restitution /, is ascertain,
which depends on not only the materials of the impacting bodies
but also their shape. Considering method 2, the values of lumped
parameters (b and k) model may not be predetermined before the
experiments are carried out. First, the construction of the mecha-
nism and collection of data from the experimental setup are re-
quired. However, if they (b and k) were determined from the
experimental setup, the magnitude of the impact force still needs
to be determined by a simulation based on calculation procedure,
since a simple calculation is not enough. The flexible beam hori-
zontal force component and its stiffness also play an important
role on the magnitude of the impact force and on the impact time
since the flexible beam is pushing the slider. Since there are five
important parameters that define the maximum impact force (v, b,
k, F(pin-pinyx> and kejagica)> it is unpractical to calculate and to
present synthesize charts.

3.2 Stress Calculation. The flexible buckling beam maxi-
mum stress analysis is presented in this section. The three working
modes of the mechanisms are related to the flexible buckling
beam’s stresses. In the first operating mode, the flexible buckling
beam is under the inertial loads. In the second operating mode, the
beam is under the axial compression (impact) load. In the third
operating mode, the beam deflects; therefore, it is under bending
stresses. Before the flexible beam deflects, the stress component is
the axial stress and may be calculated as

o=PIA (27)

where P is the applied axial load and A is the cross sectional area
(A=bh and I=bh3/12). The axial compression stress during the
impact is about 57/(0.03 % 0.0003)=6.33 MPa, which could be
neglected compared to bending stresses.

After the flexible beam deflects, the primary stresses are due to
the bending stresses. The buckled flexible beam’s curvature
changes as the flexible beam deflects. The bending moment along
an initially straight beam [23] may be written as

M = 2k\EIP cos ¢ (28)

The pin ends are inflection points, hence do not carry end mo-
ments. Therefore, the pin ends’ angles ¢ changes between 0.5
and 1.57. Considering only bending stresses assuming the beam
middle axis is inextensible (Bernoulli beam) and ignoring stresses
due to axial load for a pinned-pinned flexible initially straight
flexible beam; maximum bending moment occurs in the middle of
the beam where ¢= . The primary bending stress is expressed by
the following formula:

M
o=
b= y
Using the aforementioned equations, the following maximum
bending stress of the rectangular cross section area may be calcu-
lated as

(29)

O = 2k\3EP/bh (30)

where b and h are the cross sectional dimensions width and thick-
ness, and k is the shape factor, respectively. Considering Eq. (30),
k is the shape factor and P is the resultant force acting along the
pin joints (Fpin_pin). The shape factor of the pin-pin elastica is
given by the following rational fit. The reader should refer to Ref.
[24] for a more detailed analysis.

_0.087u’ +1.332u° +0.1762u
© WP +0.7351u+0.01656

(31
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Fig. 12 Maximum stress history of the buckling beam

where u is the normalized beam deflection u=U/L.

The maximum stress history of the buckling beam is calculated
for full crank rotation. The maximum stress must be kept below
the yield stress within the elastic range of the material. The maxi-
mum stress is calculated as 0,,=398.75 MPa, which is the below
yielding strength of the 1095 spring steel (Howell 2001, Appendix
C.5).

3.2.1 Fluctuating Stresses and Fatigue Failure in Compliant
Members. Fluctuating stresses are commonly seen in compliant
mechanism elastic members. These stresses may be expressed in
terms of a mean stress component o, and an alternating stress
component o,. If the stress condition is below the two lines de-
scribed in modified Goodman diagram for fatigue failure [3], the
compliant member is expected to have an infinite life. The safety
factor SF for the modified Goodman and the yielding lines may be
expresses as

1 o, o,
—_ca,m
SF S, Su

The endurance limit S, can be calculated by the following for-
mula:

(32)

Se = CsurfcsizecloadCreliabcmiscSe’ (33)

where the uncorrected endurance limit may be approximated with
S, =0.55,=507 MPa using the ultimate tensile strengths S,
=1014 MPa and S,=500 MPa of the 1095 spring steel (Howell
2001, Appendix C.5). The corrected endurance limit is S,
=0.5248 X 507=266 MPa. The parameters given in Eq. (33) are
calculated for the buckled beam as follows:

* surface factor Cy,=0.8712:1.58 X (S,,)~%9%¢ MPa for pol-
ished members, and spring steels are available as polished
sheets

¢ size factor Cy;,=1.0 for the small pieces if the equivalent
diameter is less than 2.79 mm, deq=0.808(bh)0'5
=2.42 mm for a rectangular cross section

e load factor Cj,,q=1.0 because the stresses in buckled beam
are due to bending

¢ reliability factor Ciejj,,=0.753 for 99.9% reliability

* stress concentration effect Cyigc=0.800; Crise=1/Kgeo
=1/1.25 where Ky, is the geometric stress concentration
factor

The maximum stress history of the buckling beam is plotted
(see Fig. 12) for 3 cycles of crank rotation. The modified Good-
man theory uses a sinusoidal fluctuating stress history. Therefore,
a sinusoidal stress having the same amplitude with the buckling
beam stress is used for the calculations, as shown in Fig. 12. Since
the assumed sinusoidal stress history is greater than the actual
stress history, this calculation will provide more conservative re-
sults. The maximum stress o0,,=398.75 MPa and the alternating
stress component o,=198.38 MPa. The abovementioned factors
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Fig. 13 The compliant slider-crank prototype mechanism

results in the safety factor SF=1.14. If SF result is greater than 1,
it is the indication of infinite life for fatigue failure.

4 Experimental Setup

The experimental setup and the prototype semicompliant
mechanism are described in this section. Figures 13 and 14 show
a picture of the compliant mechanism prototype and its schematic,
respectively. This prototype is used to validate the conceptual con-
tributions of the current research. The mechanism is mainly com-
posed of a crank, a flexible initially straight buckling beam and a
slider.

The prototype mechanisms’ dimensions and related parameters
are listed in Table 1. E is the modulus of elasticity. The variables
b, h, and I are the flexible beam width, thickness, and moment of
area, respectively.

The theoretical values of the flexible beam maximum contact
forces are compared for different plane thicknesses of the flexible
beam before running the dynamic simulations using the values in
Table 1. The magnitude of contact force generated by the pin-pin
buckling beam depends on its dimensions: the length, in plane
thickness, and out of plane width. The theoretical values of the
maximum contact force at the location of the maximum deflection
are computed for 0.1 mm, 0.3 mm, and 0.5 mm in plane thick-
nesses and they are 0.0655 N, 1.7684 N, and 8.1871 N, respec-
tively. The maximum contact force rises with the cubic power of
the thickness of the flexible beam due to the second moment of
area depends on the cubic power of in plane thickness for the
rectangular cross sections. The same force increases linearly with
the out of plane width of the flexible beam. As a result, the desired
maximum contact force can be obtained by changing these dimen-
sions. In addition to these parameters, the amount of maximum
deflection and the pin-pin coupler angle are the other factors that
determine this force. The location of the stopper is another geo-
metric parameter that determines the contact force.

E LbhL

Slider
Fig. 14 Schematics of the slider-crank mechanism

Table 1 The slider-crank mechanism’s dimensions

Parameter Value

140 mm
310 mm
210X 10° MPa
30 mm
0.3 mm
0.0675 mm*

~T e ms
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Expeﬁm;t;ﬂ Setup

Fig. 15 The rigid mode of the slider-crank mechanism

The contact duration respect to crank angle may also be ad-
justed by changing the location of the stopper relative to the slider.
The limit locations lie between the two limit positions of the slider
corresponding 360 deg and 0 deg crank angle contact durations.

The experimental setup was constructed to allow testing for
different motor angular velocities. A DC motor is with built-in-
house gearbox is used to increase the torque of the motor. Three
sensors are incorporated into the mechanical setup including the
following:

* A separate encoder is attached to the crankshaft to measure
the crank angle precisely and to calculate the angular crank
velocity. Even though a DC motor within house encoder is
used for the experiments, the response of the DC motor’s
encoder was not good enough to our expectations. There-
fore, another more precise encoder is attached to the crank-
shaft.

* An ultrasonic position sensor is used to measure the position
of the slider and to calculate the slider’s velocity. The posi-
tion sensor is mounted behind the stopper.

* A force sensor is used as a stopper to measure forces gen-
erated by the impact and the contact, which measures the
forces up to 44.5 N (100 1bf).

Both the position sensor and the force sensor responses are also
used to measure the impact time. The data from the measurements
of the impact forces, contact forces and, positions are acquired
with IOtech personal DAC 3000 series data acquisition card. Data
processing is performed by MATLAB and SIMULINK software pack-
ages.

The working principle of the mechanism is different from that
of the conventional slider-crank mechanism. This mechanism be-
haves in two different modes: the rigid mode and the flexible
mode. The working modes of the mechanism sketches were pre-
viously shown in Fig. 1 and relevant pictures of the prototype are
presented in Figs. 13 and 15.

At the crank angle range of approximately between +60 deg
and —60 deg, the mechanism behaves like a flexible slider-crank.
When the crank angle reaches +60 deg, the slider hits the stopper
and the system generates an impact force applied to the stopper.
After the bouncing motion of the stopper halts, a continuous con-
tact force is formed by the slider applied to the stopper.

For the other crank angle locations, the compliant mechanism
behaves like a rigid slider-crank mechanism. The magnitude of the
impact force and the contact time can be adjusted by changing the
angular velocity of the actuator (DC motor). The crank angular
velocity is regulated by changing the input voltage of the DC
motor. This system starts to work near 2.0 V input voltage and
continues to measure the impact and contact force up to the some
limit voltage, above this voltage the force sensor output is of its
required measurement range.

4.1 Experimental Results. Experimental results are obtained
for two different voltages of the DC motor (having different dis-
tinct angular velocity histories). Therefore, the effects of the
voltage/angular velocity on the generated impact forces can be
observed. 2.5 V and 2.9 V constant inputs are supplied to the DC
motor. The data collected from the encoder and the ultrasonic
distance sensors are processed to obtain the angular velocity of the
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Fig. 16 Crank angular velocity (2.5 V input)

crank and the velocity of the slider.

The crank’s angular velocity and the slider’s velocity are ob-
tained numerically from the angular and linear displacement data
of the relevant sensors by filtering the raw data with the following
differential operator.

12.5s
1255+ 1

The aforementioned differential operator D guarantees the cau-
sality and selecting 7=12.5 s filters some of the discontinuities of
the differential operator and filters some noise. In order to obtain
a noise free angular velocity results and the slider translational
velocity results, the data are further filtered by the following op-
erator

d TS
D= d—t[V(l)] = E[V(S)] = [V(s)] (34)

o, ~ 100
2+ 2Lw,s + 0,7 s +2X0.707 X 105+ 100

G(s) = (35)

The low-pass filter G(s) has the cutoff frequency at
=10 rad/s and £=0.707, which assures continuous noise free re-
sponse of the crank’s angular velocity and the slider’s translational
velocity, respectively. After the second filtering operation, a zero
phase filter is further applied to correct the phase difference ob-
tained by the previous second order filtering. Figure 16 compares
the calculated angular velocity response of the crank raw data and
the processed data at the steady state running conditions.

Figures 17 and 18 demonstrate the experimental results for the
slider’s position and velocity, respectively.

Since the presented research claims that its novelty is in design-
ing for a given impact and contact force, the simulation results
should be compared with the experimental test results under the
similar conditions if it were not very difficult or impossible to be
compared under the same conditions. A constant angular velocity
approximated from the experimental results is used for the simu-
lations because the DC motor angular velocity control is out of the
scope of the current research. The desired impact forces, which
can be produced by controlling the slider velocity, in each cycle
for the same (or similar) compliant mechanism configuration (e.g.,
a four bar with flexible coupler) is left to a possible future work.

0.35¢

Slider Position (m)
R o
LI

o
N

0 2 4 6 8 10 12 14
Time (sec)

Fig. 17 Slider position (2.5 V Input)
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Fig. 18 Slider’s velocity filtered results (2.5 V input)

4.2 Calculating Equivalent Damping and Stiffness of the
Stopper. Two voltages other than the experimental case voltages
(2.5 V and 2.9 V) are used to determine the equivalent damping
and the stiffness coefficient of the stopper. For each voltage value,
ten readings are collected and the average value of corresponding
case readings is calculated (see Table 2).

The force exerted by the stopper model on the slider is given by

F.\'tp = bxt[r)é + kstpx (36)

Using discrete representation of the equation given above, the
following relation might be obtained.

Fy,= bsrp)é + ksrpXAt (37)

where At is the sampling time and equals to 0.002 s in our case.
Using the values given in Table 2, the following equations are
obtained:

Fi(bygpoksy) = 0.1309 X by, +0.1309 X 0.002 X ky,, —22.8085=0
(38)
Fo(byprksyy) = 0.2165 X by, +0.2165 X 0.002 X ki, — 37.3589 = 0
(39)

Table 2 Average experimental readings

DC motor Impact force dx/dt
) N) (m/s)
22 22.8085 0.1309
2.7 37.3589 0.2165
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Fig. 20 Force history results comparing the experiment and
the simulation (2.5V input-1.15 rad/s)

The maximum value of the impact force reading and the sam-
pling time is used to represent the above equations in discrete
form. Since the sampling rate is the same/constant, the determi-
nant of above equations equals to zero.

01309 01309 % 00027
02165 0.2165% 0002 |~
and k., are found

Using Eq. (38), the solution range of the b, stp
by plotting the results for a range of solution at the positive solu-
tion domain, and taking absolute value of the function
f1(byy.kp), so the solution line that cuts the z=0 plane can be
observed.

The solution range of f,(b,.k,,) is between 0 N/m s and 180
N/m s for by, and it is between O N/m and 87000 N/m for kg, as
seen from the Fig. 19. Two planes represented by Egs. (38) and
(39) cut each other in a single line (see Fig. 19) and the resulting
line has a near zero value at the point where b,=110 N/m s and
kgp,=30000 N/m. These values are then plugged into equations
that represent the stopper impact model II.

4.3 Validation of the Theory and the Simulation Results.
Simulation results are obtained considering for two cases at the
constant angular velocities approximating the experimental angu-
lar velocities of 2.5 V and 2.9 V dc inputs. The results are then
compared for both cases, as shown in Figs. 20 and 21,
respectively.

The force profiles match nicely with the constant angular ve-
locity simulation results and the constant voltage input (to the DC
motor) experimental results for both cases. In case 1 (see Fig. 20),
constant speed simulation results concerning the impact-force

f(1) and 1(2)

0.
30--A
a4 = - = = = i
20 240 220 200 180 160 140 120 100 80

4 b

Fig. 19 (a) Absolute value of f;(bsy,, ksy,) function representing Eq. (38) (b) Solution domain of f;(bsyy, ksyp) and £5(bgy,, kepp,) planes

representing Eqgs. (38) and (39).
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Fig. 21 Force history results comparing the experiment and
the simulation (2.9V input-1.45 rad/s)

magnitudes are the same as the experimental results and slight
changes at the experimental maximum impact forces are also ob-
served. In case 2 (see Fig. 21), experimental maximum impact
forces are slightly higher than those of the simulation results.

An enlarged view of the first hump in case 1 is presented in Fig.
22. Experimental results show multiple near zero contact-force
regions just after the impact. On the other hand, the simulation
results switch to the third phase of calculation procedure, as ex-
plained in Sec. 2.1.3, impact model II. At the continuous contact
region, the experimental-contact-force profile results are slightly
higher than the simulation results until the maximum contact force
is reached and slightly lower than the simulation results after that.
The sudden change of the crank angular velocity just after the
impact is thought to be the cause of this difference. At the end of
the contact region, the experimental force results go to zero before
the simulation results, which is due to slight misalignment of pro-
totype mechanism’s slider.

5 Discussions

The models and the prototype investigated in this research are
considered to be a mechanical system because it does not include
a DC motor model. However, the control aspect of the DC mo-
tor’s angular velocity (a mechatronic system), therefore, the con-
trolled slider impact velocity causing different required impact
forces in each cycle, is left for a possible future study. Moreover,
the contact duration may be adjusted in time domain by control-
ling the angular velocity.

The inertia of the crank and the inertia of the slider will affect
the contact-force profile at moderate crank speeds. Even these
inertia forces might reach the critical bucking beam load before
the slider hits the stopper. This phenomenon could occur if either
the bucking beam is too thin or the mass of the crank and of the
slider is too high relative to the bucking beam flexibility. The
simulation program of the current research may easily be modified
considering the moderate crank speeds, but a sturdier prototype
has to be manufactured and sensors with wider force measuring
range and higher precisions and faster response times are needed.
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Fig. 22 Zoom in to the first hump in Fig. 1, case 1 (2.5 V)
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Fig. 23 A new design of the compliant ICFG suitable for both
macro and MEMS applications

The dynamics response of the current complaint mechanism
could be quite different considering the higher angular velocities.
Several aspects of the dynamic behavior of the compliant impact-
contact-force generator are discussed below.

First, the load deflection characteristics obtained by the nonlin-
ear elastica solution is valid if the elastic beam buckles in its first
mode having at most two inflection points along its length. The
load deflection characteristic used in this research considers the
first bucking mode only. The first mode solution assumption is
valid up to a certain frequency, (until moderate crank speeds) and
is not valid at the crank speed higher than the first vibration mode
of the buckling beam concerning large amplitude vibrations [25].
To the best of authors’ knowledge, an analytical load deflection
solution of the elastica at high frequencies does not exist in litera-
ture; therefore, nonlinear finite element methods have to be used
for high-speed angular velocity simulations. The pin-pin elastic
buckling beam (considering the large deflections) under the sinu-
soidal load will behave chaotically at high crank speeds, which
makes the current mechanism application useless at high-speed
applications due to its unpredictable behavior. Still, there is a pos-
sibility of the periodic responses at certain high frequency crank
angular velocity ranges. The complete affect of the forcing fre-
quency considering the moderate-higher crank angular velocity
range over the nonlinear vibration system requires parametric sta-
bility analysis [26], which includes the solution of Mathieu type
differential equations and plotting Strut diagrams, but it is not in
the scope of this investigation. Chaotic behaviors are also ob-
served in vibro-impact models with linear springs subjected to
sinusoidal loads with high vibration frequencies [21,27].

The ICFG concept may find applications in microdimensions
also. The following design shown in Fig. 23 is proposed and it is
suitable to be manufactured both macro- and microdimensions.
The shuttle part of the mechanism with the compliant arcs are
already considered and fabricated as a part of a bistable MEMS
[3,28] that also is used as a part of the complaint double dwell
mechanism introduced in Ref. [4] and as an example of several
MEMS crash sensor designs presented in Ref. [29]. In microdi-
mensions, the proposed mechanism can be actuated either by the
gears, as shown in Fig. 23, or by comb drives [3]. The ICFG
mechanism may find applications where two actions are required
together; the first one is a high force requirement task in a short
duration, such as punching, cutting, or breaking, and the second
one is low force requirement task in longer durations, such as
holding, gluing, and applying pressure.

6 Conclusions

This investigation presented a novel use of a slider-crank
mechanism incorporating initially straight flexible buckling beam
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used as a force generator for required impact and contact forces. A
dynamic model has been developed and implemented. The proto-
type proved the conceptual approach behind the design and the
synthesis of the compliant ICFG mechanism. Different impact
forces are obtained by changing the crank angular velocity experi-
mentally and numerically.

In this mechanism, the slider attached to the crank with a flex-
ible beam. The flexible beam acts as a rigid body and does not
buckle until the certain angle is reached. When the slider hits the
stopper, the slider generates a desired impact force, after that flex-
ible beam buckles and applies an increasing contact force to the
impacted object. This force cycle characteristics might find appli-
cation areas, where objects with different thicknesses, hardnesses
and delicacies need to be cut/punch and attached/glued/molded to
another object or a surface.

The simulation results have been compared with those of the
experimental results under similar conditions and matches nicely
validating the theoretical analysis and the simulation programs.
Different mechanism designs are presented in this paper and some
of these are suitable for MEMS fabrications and applications.
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Nomenclature

R, = ground link length
R, = crank length
R; = flexible link length
6, = ground link orientation
6, = crank angle
6; = flexible link angle
w, = angular velocity of crank
w3 = angular velocity of flexible link
A, = angular acceleration of crank
a3 = angular acceleration of flexible link
F;; = force form components i to j

F. = external force

Fimp = impact force
T,, = motor torque
M; = mass of the ith link

A., = acceleration of the crank mass center

1, = coefficient of restitution

F, = impact force during the restoration

F, = impact force during the deformation
V = velocity

my, = mass of the slider
Xgq = position of the slider
Ugq = velocity of the slider
Xgp = position of the stopper
sip = equivalent damping of the stopper
stp = €quivalent stiffness of the stopper
Ly, = length of flexible beam before buckling: R3
Lyeam(62) = length of flexible beam after buckling: Ry
P = flexible buckling beam load represented with a
polynomial
= normalized load
flexible buckling beam deflection
= normalized deflection
= displacement between the crank joint and the
stopper
applied complementary force angle with the
horizontal
6,., = crank angle when the slider hits the stopper
El = flexible beam’s elastic rigidity

a =
Il

6
Il
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Fpinpin = buckling beam force
Fyix = the component of the Fpiypin
slider direction

= contact force

force along the

Fcontact
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